Gas turbine fuels -conventional and new fuels
Conventional gas turbine fuels currently in use are exclusively liquid and gaseous and usually hydrocarbons. Solid gas turbine fuel technology is still in the research and developmental stages. New gas turbine fuels, as mentioned earlier in the Introduction, include the synthetic Fischer-Tropsch aviation jet fuels and the second generation biofuels.
Conventional gas turbine fuels -Liquid and gaseous fuels
Conventional gas turbine liquid fuels include the range of refined petroleum oils from highly refined gasoline through kerosene and light diesel oil to a heavy residual oil (Bunker C or No. 6 fuel oil). Fig. 4 -1 below shows typical distillation characteristics for military and commercial aircraft fuels. Relative to the "pure substance" single evaporation temperatures of water and ethyl alcohol, gasoline is a mixture of liquid several hydrocarbons and its various components boil off at different temperatures as can be seen in the graphs. The aviation gasoline graph at the bottom of the graph is for piston-engine powered aircraft and it has a low flash point to improve its ignition characteristics. It is usually a high-octane gasoline known as "avgas". Turbine engines on the other hand can operate with a wide range of fuels, but typically use fuels with much higher flash points, less flammable and generally safer to store and transport. Most jet fuels are basically kerosene-based. Both the Jet A specification fuel used in the USA and the Jet A-1 standard specification of most of the rest of the world have a relatively high flash point of 38°C and a self-ignition temperature (SIT) (or auto-ignition temperature) of 210°C, making them safer to handle than the traditional avgas. The open air burning temperature in Table 4 -2 can be compared with the typical distillation characteristics for aircraft gas turbine fuel in Fig. 4 
Specifications for Heavy-Duty Gas Turbine Fuels
Heavy-duty gas turbines are able to burn a wide range of gaseous fuels and hence are less restricted in their fuel classifications. A typical heavy-duty gas turbine fuel specification (range only indicated) appears in Table 4 .3. Range of typical heavy-duty gas turbine fuel classification (adapted from GEI 41040G -GE Gas Power Systems, Revised January 2002).
The feedstock for gasification fuels can be coal, petroleum coke or heavy liquids. Gasification fuels generally have lower much lower heating values than other fuel gases, and they are produced by one of two processes: oxygen blown or air blown gasification process. Process gases are generated by many petrochemical and chemical processes and are suitable for fuelling gas turbines, for example refinery gases). Constituents of process gases include CH 4 , H 2 , CO, and CO 2 . Other process gases used as gas turbine fuels are byproducts of steel production such as blast furnace gases and coke oven gases. Blast Furnace Gases (BFG) have heating values below minimal allowable limits for gas turbine fuels, necessitating blending with other fuels such as coke oven gas, natural gas or hydrocarbons such as propane or butane. Typical gas turbine fuel specification ranges appear in Table 4 -4 below. In addition to such specifications which may be particular to each turbine manufacturer, allowable gas fuel contaminant levels are also specified for such trace metals as (Pb, V, Ca, and Mg), Alkali metals (Na and K) and particulates. Sodium (Na) is the only trace metal contaminant normally found in natural gas, and it source is salt water in the ground gas wells. Sources of contaminants in heavy-duty gas turbine applications include particulates arising largely from corrosion chemical reactions in gas pipelines, liquid (water and/or hydrocarbon) condensates and lubricating oils from compressor stations; sulfur (as H 2 S or COS); trace metals; steam and water for injection; alkali metals contained in compressor discharge; and the fuel. Table 4 .4. Range of typical heavy-duty gas turbine fuel specification (adapted from GER 41040G -GE Gas Power Systems, Revised January 2002).
Conventional and New Environmental-conscious Aero and Industrial Gas Turbine Fuels
Conventional aero gas turbine fuels are commonly: i. Kerosene from crude petroleum sources using established refining processes, and ii. synthetic kerosene from Fischer-Tropsch (FT) synthesis using coal, natural gas, or any other hydrocarbon feedstock (e.g. shale, tar sands, etc.). These are produced by first gasifying the hydrocarbon resource followed by liquefaction to form hydrocarbon liquids (e.g. as earlier noted, the Airline Industry Information update dateline 26 June 2009) New Environmentally-conscious aero gas turbine fuels are: i. Bio-fuels from bio-derived Fatty Acid Methyl Esters (FAME) mixed with conventional aero fuel (kerosene) in regulated proportions, ii. Bio-ethanol and bio-methanol neat or mixed in regulated proportions with gasoline, iii. Biofuels produced from Fischer-Tropsch Synthesis (FTS) process using biomass feedstock such as oil seeds -jathropha, palm oil, soybeans, rapeseed (canola), sunflower, camelina, etc., as well as animal fats, iv. Bio-syngas produced by gasification of biomass, lignocellulosic biomass and other agricultural wastes used as feed into the FTS (2 nd generation biofuels) to produce liquid fuels (FTL), and v. Liquefied petroleum gas (LPG) which is really not a cryogen; Liquefied gases such as LNG, Methane and Hydrogen. Both methane and hydrogen will have to be liquefied for use as aircraft fuel. In the steam-reforming reaction, steam reacts with feedstock (hydrocarbons, biomass, municipal organic waste, waste oil, sewage sludge, paper mill sludge, black liquor, refusederived fuel, agricultural biomass wastes and lignocellulosic plants) to produce bio-syngas. It is a gas rich in carbon monoxide and hydrogen with typical composition shown in 
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A useful reference for the thermo-conversion of biomass into fuels and chemicals can be found in the above referenced paper by M. Balat et al.
Ethanol-powered gas turbines for electricity generation
In a 2008 report by Xavier Navarro (RSS feed), a company called LPP Combustion (Lean, Premixed, Prevaporized) was claimed to have demonstrated that during gas turbine testing, emissions of NOx, CO, SO 2 and PM (soot) from biofuel ethanol (ASTM D-4806) were the same as natural gas-level emissions achieved using dry low emission (DLE) gas turbine technology. It was also claimed that the combustion of the bio-derived ethanol produced virtually no net CO 2 emissions.
Gas Turbines and Biodiesels
A recent study by Bolszo and McDonnell (2009) 1 on emissions optimization of a biodieselfired 30-kW gas turbine indicates that biodiesel fluid properties result in inferior atomization and longer evaporation times compared to hydrocarbon diesel. It was found that the minimum NOx emission levels achieved for biodiesel exceeded the minimum attained for diesel, and that optimizing the fuel injection process will improve the biodiesel NOx emissions. A theoretical study was recently carried out by Glaude et al. (2009) 2 to clarify the NOx index of biodiesels in gas turbines taking conventional petroleum gasoils and natural gas as reference fuels. The adiabatic flame temperature T f was considered as the major determinant of NOx emissions in gas turbines and used as a criterion for NOx emission. The study was necessitated by the conflicting results from a lab test on a microturbine and two recent gas turbine field tests, one carried out in Europe on rapeseed methyl ester (RME) and the other in USA on soybean methyl ester (SME), the lab test showing a higher NOx emission while the two field tests showed slightly lower NOx emission relative to petroleum diesel. It is however clear that biodiesels have reduced carbon-containing emissions and there is agreement also on experimental data from diesel engines which indicate a slight increase in NOx relative to petroleum diesel. The five FAME's studied by Glaude et al. were RME, SME, and methyl esters from sunflower, palm and tallow. The results showed that petroleum diesel fuels tend to generate the highest temperatures while natural gas has the lowest, with biodiesel lying in-between. This ranking thus agrees with the two field tests mentioned earlier. It was also found out that the variability of the composition of petroleum diesel fuels can substantially affect the adiabatic flame temperature, while biofuels are less sensitive to composition variations.
Factors limiting gas turbine performance
The Joule cycle (also popularly known as the Brayton cycle) is the ideal gas turbine cycle against which the performance (i.e. the thermal efficiency of the cycle CY ) of an actual gas turbine cycle is judged under comparable conditions. We prefer to restrict the use of Joule cycle to the ideal gas turbine cycle while the Brayton cycle is exclusively used for the actual gas turbine cycle. The ideal gas turbine "closed"cycle (or Joule cycle) consists of four ideal processes -two isentropic and two isobaric processes -which appear as shown in Fig Fixing the inlet temperature to the compressor T a and the inlet temperature to the turbine T b automatically sets a limit to the pressure ratio r p , which occurs when the temperature after isentropic compression from T a is equal to the TIT T b . However, when this occurs, the net work done is seen to be equal to zero, as the area of the cycle on the T-s and p-V diagrams indicate. Haywood considers an interesting graphical representation of eq. 5.1 above for T a = 15°C and T b = 100°C as shown in Under this condition, a sketch of the Joule cycle on the T-s diagram shows that as r p approaches this value, the area enclosed by the cycle approaches zero. However, In practical terms, a pressure ratio this large is never used when issues of process irreversiblities are considered, to which the remaining two curves in the graph pertain. 
Effect of irreversibilities in the actual gas turbine cycle
In an actual plant, frictional effects in turbines and compressors and pressure drops in heat exchangers and ductings and combustion chamber are basically lost opportunities for production of useful work. The h-s curve diagram for such a gas turbine Brayton cycle appears in Fig. 5 .3, wherein the heat and work terms in each of the processes are identified, ignoring the frictional effects in the heat exchangers, ductings and combustion chamber. We note that the compressor work input required W C , is now much larger than its previous value for the ideal Joule cycle while the turbine work output W T is considerably smaller than for the ideal Joule cycle, revealing the considerable effect of turbine and compressor inefficiencies on the cycle thermal efficiency. An analytic expression for the Brayton cycle thermal efficiency can be shown to be:
where α = C T , = [1 + C ( -1)], and = T b /T a . In Fig. 5 .2, the actual Brayton cycle performance is depicted for turbine and compressor isentropic efficiencies of 88% and 85% respectively, t a = 15°C for two values of t b = 800°C and 500°C respectively. The optimum pressure ratio is now reduced from approximately 100 to 11.2 for t b = 800°C, and to only 4.8 at t b = 500°C. This optimum pressure ratio is more realistically achievable in a single compressor. Here also, we find that η Brayton is highly dependent on θ = T b /T a , showing a drastic reduction from TIT = 800°C to TIT = 500°C.
www.intechopen.com Haywood [] discusses the graphical construction in Fig. 5 Figs. 5.5 and 5.6 show the schematic of the simple-cycle, open-flow gas turbine with a single shaft and double shaft respectively. The single shaft units are typically used in applications requiring relatively uniform speed such as generator drives while in the dual shaft applications, the power turbine rotor is mechanically separate from the high-pressure turbine and compressor rotor. It is thus aerodynamically coupled, making it suitable for variable speeds applications. 5.2 Simple-cycle vs. Combined-cycle gas turbine power plant characteristics Fig. 5 .7 shows the variation of output per unit mass and efficiency for different firing temperatures and pressure ratios for both simple-cycle and combined-cycle applications. In the simple-cycle top figure, at a given firing temperature, an increase in pressure ratio results in significant gains in thermal efficiency. The pressure ratio resulting in maximum efficiency and maximum output are a function of the firing temperature; the higher the pressure ratio, the greater the benefits from increased firing temperature. At a given pressure ratio, increasing the firing temperature results in increased power output, although this is achieved with a loss in efficiency mainly due to increase in cooling air losses for aircooled nozzle blades.
On the other hand, pressure ratio increases do not affect efficiency markedly as in simplecycle plants; indeed, pressure ratio increases are accompanied by decreases in specific power output. Increases in firing temperature result in marked increases in thermal efficiency. While simple-cycle efficiency is readily achieved with high pressure ratios, combined-cycle efficiency is obtained with a combination of modest pressure ratios and higher firing temperatures. A typical combined-cycle gas turbine as shown in Fig. 5 .7 (lower cycle) will convert 30% to 40% of the fuel input into shaft output and up to 98% of the remainder goes into exhaust heat which is recovered in the Heat Recovery Steam Generator (HRSG). The HRSG is basically a heat exchanger which provides steam for the steam turbine part of the combined-cycle. It is not unusual to utilize more than 80% of the fuel input in a combined-cycle power plant which also produces process steam for on-or off-site purposes. Fig. 5 .7. Gas turbine characteristics for simple-cycle (above) and for combined-cycle (below). Abstracted from GE Power Systems.GER-3567H 10/00.
Other factors affecting gas turbine performance
Other factors affecting the performance of a gas turbine (heat rate, power output) include the following: Air temperature (compressor inlet temperature) and pressure; Site elevation or altitude; humidity; inlet and exhaust losses resulting from equipment add-ons such as air filters, evaporative coolers, silencers, etc. The usual reference conditions stated by manufacturers are 59F/15C and 14.7 psia/1.013 bar. In general, output decreases with increasing air temperature while the heat rate increases less steeply. Similarly, altitude corrections are provided by manufacturers with factors less than 1.0 at higher latitudes. The density of humid air is less than that of dry air and it affects both the heat rate and the specific output of a gas turbine. The higher the humidity, the lower the power output and conversely the higher the heat rate. Inlet and exhaust pressure losses result in power output loss, heat rate increase and exhaust temperature increase.
Gas turbine emissions and control
Over the past three to four decades, many developed countries have put in place applicable state and federal environmental regulations to control emissions from aero, industrial and marine gas turbines. This was the case even before the current global awareness to the Climate Change problem. Only NOx gas turbine emission was initially regulated in the early 1970s and it was found that injection of water or steam into the combustion zone of the combustor liner did produce the then required low levels of NOx reduction without serious detrimental effects on the gas turbine parts lives or the overall gas turbine cycle performance. However, as more stringent requirements emerged with time, further increase in water/steam approach began to have significant detrimental effects on the gas turbine parts lives and cycle performance, as well increased levels of other emissions besides NOx. Alternative or complimentary methods of emission controls have therefore been sought, some internal to, and others external to, the gas turbine, namely: i. Dry Low NOx Emission (DLN) or DLE burner technology ii. Exhaust catalytic combustion technology iii. Overspray fogging While NOx emissions normally include Nitrous oxide (NO) and Nitrogen dioxide (NO 2 ), NOx from gas turbines is predominantly NO, although NO 2 is generally used as the mass reference for reporting NOx. This can be seen from the typical exhaust emissions from a stationary industrial gas turbine appearing in Table 5 .1. NOx are divided into two main classes depending on their mechanism of formation. NOx formed from the oxidation of free nitrogen in either the combustion air of the fuel are known as "thermal NOx", and they are basically a function of the stoichiometric adiabatic flame temperature of the fuel. Emissions arising from oxidation of organically bound nitrogen in the fuel (the fuel-bound-nitrogen, FBN) are known as "organic NOx". Of the two, efficiency of conversion of FBN to NOx proceeds much more efficiently than that of thermal NOx. Thermal NOx is relatively well studied and understood, but much less so for organic NOx formation. For thermal NOx production, NOx increases exponentially with combustor inlet air temperature, increases quite strongly with F/A ratio or with firing temperature, and increases with increasing residence time in the flame zone. It however decreases exponentially with increasing water or steam injection or increasing specific humidity. Figs.
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5.1 and 5.2 show typical NOx emissions for industrial gas turbines operating on natural gas fuel and No.2 distillate as a function of firing temperature. As regards organic NOx, reduction of flame temperature (as through water or steam injection) does scant little to abate it. Water and steam injection are known to actually increase organic NOx in liquid fuels. As noted earlier, organic NOx is important only for fuels containing significant amount of FBN such as crude or residual oils. Carbon Monoxide (CO) emissions as seen from Table 5 .1 can be of comparable magnitude with NO emission, depending on the fuel and the loading condition of the gas turbine. Fig.  5 .10 is a typical industrial gas turbine CO emission as a function of firing temperature. We note that, contrary to the NOx trend, CO emission increases significantly as the firing temperature is reduced below about 816°C (1500°F). It is noted that carbon monoxide is normally expected from incomplete combustion and hence inefficiency in the combustion process. Unburned hydrocarbons (UHC) are also products of the inefficiency in the combustion process. Fig. 5 .11 shows a typical industrial gas turbine UHC emission as a function of firing temperature.
Particulates.
Fuel properties, combustor operating conditions and the design of the combustor all affect the gas turbine exhaust particulate emission, whose main components are smoke, ash, erosion and corrosion products in the metallic ducting and piping of the system. 
Gas Turbine Emission Control Techniques

Exergy considerations
Publication of research articles on exergy consideration in power cycles dates back about four decades now, possibly with the initial work of Kalina (1984) (2008) on biomass as an energy resource -the thermodynamic constraints on the performance of the conversion process in producing synthetic gas (syngas) for high efficiency internal combustion engines such as CCGT as well as in fuel cells (MCFC and SOFC) after adequate cleaning up and reforming; Khaliq (2009a) on exergy analysis of a gas turbine trigeneration system for combined production of power, heat and refrigeration; Khaliq (2009b) on energy and exergy analyses of compression inlet air-cooled gas turbines using the Joule-Brayton refrigeration cycle; Khaliq (2009c) on exergy analysis of the regenerative gas turbine cycle using absorption inlet cooling and evaporative aftercooling; Farzaneh-Gord et al. (2009) on a new approach for enhancing performance of a gas turbine using as a case study the Khangiran refinery in Iran; Fachina (2009) on Exergy accounting -the energy that matters; and finally closing the highly productive decade with Baratieri et al. (2009) on the use of syngas in IC engines and CCGT.
The fourth decade has begun with Woudstra et al. (2010) on thermodynamic evaluation of combined cycle plants. This does in no way claim to be a complete account of all the contributions to exergy analyses of power cycles from inception to the present time, rather we have tried to give some highlights on the journey so far.
Exergetic Analyses of Power Cycles -Gas Turbines, CCGTs, IGCC & BIG/STIG
Dincer and Rosen (2007) have listed the following benefits of using exergy analysis in industrial plant equipment and processes:
• Efficiencies based on exergy, unlike those based on energy, are always measures of the approach to true ideality, and therefore provide more meaningful information when assessing the performance of energy systems. Also, exergy losses clearly identify the locations, causes and sources of deviations from ideality in a system.
•
In complex systems with multiple products (e.g., cogeneration and trigeneration plants), exergy methods can help evaluate the thermodynamic values of the product energy forms, even though they normally exhibit radically different characteristics. Szargut et al. [1988] , "exergy is the amount of work obtainable when some matter is brought to a state of thermodynamic equilibrium with the common components of the natural surroundings by means of reversible processes, involving interaction only with the above mentioned components of nature". Is governed by the 1 st Law of Thermodynamics (FLT) for all the processes.
Is governed by the 1 st Law of Thermodynamics (FLT) for reversible processes only (while it is destroyed partly or completely in irreversible processes). Is limited by the 2 nd Law of Thermodynamics (SLT) for all processes (including reversible ones).
Is not limited for reversible processes due to the 2 nd Law of Thermodynamics (SLT).
Is motion or ability to produce motion.
Is work or ability to produce work.
Is always conserved in a process, so can neither be destroyed or produced.
Is always conserved in a reversible process, but is always consumed in an irreversible process.
Is a measure of quantity only. Is a measure of quantity and quality due to entropy. Kinetic and potential exergy (ε k & ε p ) have the same meaning as their corresponding energy or work terms, W k and W p , both of which are usually negligible in the analysis of most common industrial processes. Physical exergy is the work obtainable by taking a substance through reversible physical processes from its initial state at temperature T and pressure p to the final state determined by the temperature T o and pressure p o of the environment, Szargut et al. [1988] . Consideration of physical exergy is important for optimization of thermal and mechanical processes including heat engines and power plants. However, it is of secondary importance and often negligible when attention is focused on very large systems, such as chemical and metallurgical processes, where chemical exergy dominates in resource accounting and environmental analyses Masim and Ayres [ ]. Chemical exergy is the work that can be obtained by bringing a substance having the temperature and pressure (T,p) to a state of thermodynamic equilibrium with the datum level components of the environment. It has two components -one associated with chemical reactions occurring in isolation, and the other associated with the diffusion of reaction products into the surroundings, Masim and Ayres [ ]. Hence the importance of defining a reference state when calculating both physical and chemical exergy. The exergy function is thus a measure of the difference between two states, namely the state of the "target" system and that of its surroundings (or, more appropriately, the ultimate state of the combined system plus its surroundings, after they have reached mutual equilibrium of pressure p o , temperature T o , and chemical composition μ o ). As Masim and Ayres [ ] put it, the analytical expression for exergy shows that exergy is a measure of the "thermodynamic distance" of the target system from equilibrium, or alternatively, a measure of the "distinguishability" of the target system from its environment. For a closed system with (T,p), the exergy (loss) Δε is given by:
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where Ni is the number of moles of the i th system and μ i is its chemical potential. As noted earlier, Δε ≤ 0, the equality holding only when the process is reversible. Here p o and T o are, appropriately, the ambient atmospheric pressure and temperature respectively. For a flow or open system, where mass crosses the system boundaries,
where H is enthalpy. In this case, it is important to have a knowledge of the detailed average chemical composition of the reaction products and the environmental sink with which the system reacts Masim and Ayres [ ].
Exergetic Analyses of Gas Turbine Cogeneration/Combined Cycle Plants
The generic name "Cogeneration or Combined Cycle" plants is used for gas turbine top cycle plant whose hot exhaust is used for generating steam in a heat recovery steam generator (HRSG) for a steam turbine bottom cycle. In these plants, the gas turbine combustion chamber (combustor) is fuelled normally with liquid or gaseous fuels piped to the plant from nearby storage tanks; the fuel is thus not produced on-site. Cogeneration/Combined Cycle plants therefore generate additional power from the steam turbine. However, they may also generate both power and steam from the steam turbine if process steam is required on-site or elsewhere, as in district heating systems. In such a case, the Cogeneration/CC plant would properly qualify to be called a Combined Heat and Power (CHP) Plant, although this appellation is technically reserved for any power plant whose hot combustion product gases are used to generate steam for on-site or other uses. Thus a CHP need not have a gas turbine in its power production train, it could be any power plant that generates "waste" heat from which we are able to extract "useful" thermal energy. In this regard, many CHP plants are powered by large diesel Internal Combustion (I.C.) engines. We first consider the work of Bilgen (2000) on exergetic analyses of gas turbine cogeneration systems in which gas turbine cogeneration systems involving three different combinations of power and steam generation from a gas turbine and a steam turbine fed with steam from a HRSG were studied (see Figures 6.1, 6.2 and 6.3). The gas turbine exhaust gases produce the steam in the HRSG. Bilgen undertook a combustion analysis by calculating the composition of the fuel gas mixture using direct minimization of the Gibbs function of formation of each compound I from its constituent elements, using Lagrangian multipliers. The fuel utilization efficiency or the 1 st Law efficiency is given by
Where E f is the energy of the fuel, W e and Q p are the electrical energy and the thermal energy of the process respectively while C is 0.98 as the parasitic system loss is assumed to be 2%. The second law or exergy efficiency is defined as
Where We is work, hence considered all exergy as earlier discussed, Bp is the exergy content of process heat produced and Bf is the exergy content of fuel input. Expressions for the energy and exergy terms above were given by Bilgen as follows: A relationship can be established between exergy, ε, and fuel utilization, , efficiencies using the above equations as follows, Bilgen (2000):
Two Case Studies corresponding to Figures 6.1 and 6.3 were considered in detail, and in both cases, natural gas was used as fuel. Plant capacity factor was assumed to be 80%. The data for Case Study I appear in Table 6 .2 for base-load gas turbine at ISO conditions of 288 K and 101.325 kPa, and 60% relative humidity and they are from a case study earlier reported for an industrial gas turbine (the GE LM2500PE reported by Rice (1987) and Huang (1990) . Other parameters employed in the Case Study are isentropic efficiencies of compressor and turbine of 70.4% and 92.6% respectively; intake air temperature same as ISO condition of 288K; process steam is saturated at 2026 kPa; temperature of condensate return is 373 K; and the pinch point temperature difference is 50 K. Bilgen calculated the composition of the products of combustion of natural gas with 226% air (in moles) as follows:
1 CO 2 ; 0 CO; 2 HO 2 ; 0.001 OH; 0 NO 2 ; 0 NO; 24.515 N 2 ; 4.52 O 2 . He also presented the following parameters from his study which agreed quite well with those of Rice (1987) and Huang (1990) : cycle efficiency, air flow, specific work output, and exhaust temperature compared quite well with Rice (1987) and fuel utilization efficiency, exergy efficiency, and power-to-heat ratio compared quite well with Huang (1990). Table 6 .2. Base-load gas turbine data for Case Study I of Bilgen (2000).
The cycle efficiency of 37.62% in Table 6 .3 below is for the gas turbine without cogeneration while the fuel efficiency of 77.02% in the same Table 6 .3 is for the cogeneration system. This implies a 105% efficiency improvement. The exergy efficiency of the cogeneration system is 50.06% while Bilgen reports an exergy efficiency of only 35.78% for the system without cogeneration, yielding a 40% improvement. (2000) with those of Rice (1987) and Huang (1990) .
Process heat results of Bilgen (2000) appear in Table 6 .4 below. Fig. 6 .4 below shows the 1 st law and exergy (2 nd law) efficiency and % steam extraction as a function of power-to-heat ratio. The trends of the 1 st and 2 nd law efficiencies in the figure are quite consistent with equations 6.1, 6.2, and 6.8b. The slow variation of the second law efficiency with power-to-heat ratio indicates that the exergy content of the steam plus power generated from the steam turbine is little degraded. Table 6 .4. Process heat results of Bilgen (2000). Similarly, Fig. 6 .5 shows power from the steam turbine, total power, process heat production and payback period as a function of the power-to-heat ratio. The process steam production (in t/h) follows the same relationship as that of the % steam extraction in Fig. 6 .4. Fig. 6 .5. Total power, steam turbine power, process heat production and payback period as a function of the power-to-heat ratio.
57
Exergy analysis of integrated gasification combined cycle gas turbine (IGCC) plants
Integrated Gasification Combined Cycle (IGCC) plants, as distinct from the general Combined Cycle/Cogeneration plants, have an integrated fuel production unit (gasifier) which provides the fuel (normally gaseous) required by the gas turbine combustors. The feed into the gasifier could be a solid hydrocarbon (usually coal) or biomass (e.g. agricultural wastes, lignocellulosic plants, etc.) as earlier noted in the section on Conventional and New Environmental-conscious Aero and Industrial Gas Turbine Fuels. A schematic of a coal-fired gasifier in an integrated coal gasification combined cycle gas turbine plant (ICGCC) plant appears in Fig. 6 .XXX below. We shall consider a biogas-fired integrated gasification steam-injected gas turbine (BIG/STIG) plant studied by Fagbenle et al. (2007) and shown schematically in Fig. 6 .6 below. The Energy Utilization Diagram (EUD) popularized by the Ishida group and discussed in section 6 of this chapter was used to highlight the exergy losses in the various sub-systems of the plant. The EUD is a useful tool for exergy analysis of chemical processes and plants in which the energy level or availability factor (A) is plotted against the energytransformation quantity (AH), enabling easy identification of subsystems with potentials for performance improvement. The BIG/STIG plant of Fig. 6 .6 consists of a 53 MW gas turbine plant fuelled by fuel gas (syngas assumed to be largely CH 4 ) from a biogas gasifier and gas clean-up system. The adiabatic combustion temperature was found from the 1 st Law to be 1895K but a more realistic (from metallurgical standpoint) turbine inlet temperature (TIT) of 1450 K was used in the analysis. The turbine exhausts at 410 °C (TET) into a Heat Recovery Steam Generator (HRSG) which produces steam for three purposes: injection steam into the turbine for blade cooling, injection steam into the combustor for NOx emission reduction, and blast steam required by the gasifier chemical process. The stack gases exhaust into the atmosphere at 151°C. Air flow of 141 kg/s and at 32.2 bar leaves the compressor, out of which 131.9 kg/s is fed into the combustor while the remaining 9.1 kg/s is fed into the gasifier.
Basis of the Energy Utilization Diagram
The exergy change Δε i over all the energy donors and acceptors "i" in the energytransformation system is:
By the 1 st law of thermodynamics, the first term on the RHS of the above equation is zero, since the energy released by the energy donor must equal that gained by the energy acceptor. Also, by the 2 nd law of thermodynamics, to total entropy change in the system must be greater than or equal to zero, the equality being for isentropic (lossless) processes, i.e. A plot of the energy level of the energy donating process (A ed ) and the energy accepting process (A ea ) against the transformed energy (ΔH ea ) gives the energy loss in the system as the area between the curves of A ed and A ea . This is the EUD diagram and the energy level difference (A ed -A ea ) is indicative of the driving force for the energy transformation process. A summary of the operating conditions together with the results of the 1 st law efficiencies appears in Table 6 .5 below, assuming compressor and turbine isentropic efficiencies of 98% each. The first law efficiency based on power production alone is 41.5% while it is 45% based on both heat and power. The gross power input to the compressors is therefore W gross,c = 85 + 1.73 = 86.7 MW, while the net generated power is W net, generated = 140.14 -86.73 = 53.4 MW. Irreversibility due to the discharge of hot combustion products at 151°C and 1 bar into the environment is given by I exh = ε stack gases = 3.6 MW as detailed below: Table 6 .6. Summary of the net generated power and the exegy loss (Irreversibilities) in the BIG/STIG plant.
The Energy Utilization Diagrams (EUDs) for the combustion chamber and the HRSG
The EUD for the combustion chamber and the HRSG appear in Figs. 6.7 and 6.8 respectively. The largest single subsystem exergy loss occurs in the combustion chamber, being about 79% of the total system exergy loss. The EUD for the HRSG indicates a pinch point of 273°C on the heat donor side and a ΔT = 34°C. The cross-hatched area approximately equals the calculated values shown in Table 6 .6. The irreversibility of the combustion process can be reduced by reducing the effective temperature difference across which the heat transfer is taking place, i.e. between the acceptor and the donor. In this case, preheating the reactants with the exhaust stack gases would reduce the irreversibility of the combustion process. Both the energy and the exergy in the stack gases in this case are both lost. Exergy loss associated with the steam injection mixing process in the combustion chamber has not been taken into consideration, primarily because the amount of steam injected is relatively small. 
